Introduction
In recent times, solar thermal power plants (STPPs) have attracted interest as a large scale, commercially viable way to generate electricity [1] . In an STPP, the heat transfer fluid (HTF) and the working fluid play an important role as the carriers of energy from the collector/receiver to the turbine. This is commonly done in two stages for a plant operating with a Rankine cycle. The HTF (e.g. synthetic oil, molten salt, etc.) first collects the energy from the incident solar radiation. This energy is then passed on to the working fluid (water/steam) which carries it to the steam turbine. The main disadvantage of such two-fluid systems is that the maximum operating temperature of the HTF is limited by the fluid stability concerns (e.g. approximately 400 °C for the synthetic oil), thus resulting in a low turbine inlet temperature and consequently a low cycle efficiency.
Application of direct steam generation (DSG) in STPPs presents the prospect of improving the overall plant efficiency, while simultaneously decreasing the cost of electricity generation [2] . The pressurized steam is generated directly in the receiver and transported to the steam turbine. The advantages of DSG include a higher live steam temperature and the use of one fluid as both the HTF and the working fluid, possibly resulting in a simplified operation. The main disadvantage of using DSG for STPPs is that it requires a very complex storage system for uninterrupted plant operation [3] . The motivation behind the current study is that the exergy losses during a heat transfer process can be reduced by using a suitable multi-component working fluid which can evaporate or condense at a varying temperature, contrary to the constant evaporating or condensing temperature for a pure substance [4] . One such multi-component working fluid is the ammonia-water zeotropic mixture, as used in a Kalina cycle (KC). There have been discussions regarding the feasibility of using ammonia-water mixtures at high temperatures due to the nitridation effect resulting in corrosion of the equipment. However, the use of an ammonia-water mixture as the working fluid at high temperature has been successfully demonstrated in Canoga Park with turbine inlet conditions of 515 °C and 110 bar [5] . Moreover, a patent by Kalina [6] claims the stability of ammonia-water mixtures along with prevention of nitridation for plant operation preferably up to 2000 °F (1093 °C) for temperature and 10000 psia (689.5 bar) for pressure using suitable additives. It should be noted that the term direct steam generation is used here for both water and ammonia-water mixtures.
There were proposals to incorporate the KC for waste heat recovery plants, geothermal power plants or solar energy driven power plants. Such plants operate with low or medium range temperatures at the turbine inlet. Bombarda et al. [7] presented a thermodynamic comparison between the KC and an organic Rankine cycle (ORC) for heat recovery from diesel engines. They concluded that although the obtained electrical power outputs are nearly equal, the KC requires a much higher turbine inlet pressure to attain the same, thereby making it unjustified for such use. Singh and Kaushik [8] presented energy and exergy analysis and optimisation of a KC coupled with a coal-fired steam power plant for exhaust heat recovery. They found out that at a turbine inlet pressure of 40 bar, an ammonia mass fraction of 0.8 gives the maximum cycle efficiency and the highest exergy destruction occurs in the evaporator. Campos Rodríguez et al. [9] presented an exergetic and economic comparison between a KC and an ORC for a low temperature geothermal power plant. They found that the KC produces 18 % more power than the ORC with 37 % less mass flow rate. In addition, the KC had 17.8 % lower levelized electricity costs than the ORC. Wang et al. [10] presented a parametric analysis and optimisation of a KC driven by solar energy. They found that the net power output and the system efficiency are less sensitive to the turbine inlet temperature under given conditions and that there exists an optimal turbine inlet pressure which results in maximum net power output. Coskun et al. [11] presented a comparison between different power cycles for a medium temperature geothermal resource. They found that the KC and the double flash cycle provided the least levelized cost of electricity and hence the lowest payback periods.
With regards to using the KC with high turbine inlet temperatures, Ibrahim and Kovach [12] studied the effect of varying the ammonia mass fraction and the separator temperature on the cycle efficiency for a Kalina bottoming cycle using gas turbine exhaust as the heat source. The KC turbine inlet conditions were 482 °C and 59.6 bar. The authors found that the KC is 10-20 % more efficient than the Rankine cycle with the same boundary conditions. Nag and Gupta [13] performed an exergy analysis of a KC with gas turbine exhaust as the heat source for with a turbine inlet temperature between 475 °C and 525 °C, and a turbine inlet pressure of 100 bar. They concluded that the important parameters affecting the cycle efficiency are the turbine inlet temperature, composition and the separator temperature. Dejfors et al. [14] presented an analysis of using ammonia-water power cycles for direct fired cogeneration plants with a maximum temperature of 540 °C. They concluded that for a cogeneration configuration, the Rankine cycle performs better than the KC whereas for the conventional condensing power application, the performance of the KC is better. Knudsen et al. [15] presented the results from the simulation and exergy analysis of a KC for an STPP having a turbine inlet temperature of 550 °C when the heat input is from a solar receiver, and 480 °C when the heat input is from a molten-salt storage system. The authors varied the heat input to the cycle so as to maintain the turbine inlet conditions while assuming the same mass flow rate for all the cases. Modi et al. [16] presented a comparison between a Rankine cycle and an ammonia-water cycle for STPPs with a turbine inlet temperature of 450 °C. The cycle energy efficiency and the storage size requirement were used as the comparison parameters. With regards to the analysis of central receiver STPPs, Xu et al. [17] presented the energy and exergy analysis of a central receiver STPP operating with a Rankine cycle. They concluded that the efficiency of the plant can be increased by focussing on reducing the losses in the receiver and by using advanced power cycles.
A recent review of research on the KC by Zhang et al. [18] highlights the use of KC for various applications like bottoming cycle, low temperature geothermal, industrial waste, etc. In the review [18] , and to the authors' knowledge, there were no studies using the KC for high temperature STPPs with DSG. The purposes of the current study are to assess the potential benefits of using a KC for a central receiver STPP with DSG using exergy analysis, analyse the trend of the rate of exergy destruction in different components of the plant with respect to the pressure and the ammonia mass fraction at the turbine inlet, and compare the performance with a simple Rankine cycle (SRC). To attain these objectives, the KC was modelled and optimised for maximum work output for the assumed boundary conditions, and analysed for operation when the heat input was only from the solar receiver, or when the primary source of heat input was a two-tank molten-salt storage system. The ammonia mass fraction is defined here as the mass of ammonia in the ammonia-water mixture to the total mass of the mixture. The paper is structured as follows: Section 2 presents the assumptions and the modelling procedure, Section 3 presents the results from the exergy analysis and the operation from molten-salt storage system, Section 4 discusses the results and Section 5 concludes the paper.
Methodology
The layouts of the compared cycles while receiving heat input solely from solar radiation are presented in Figure  1 (SRC) and Figure 2 (KC). With reference to Figure 1 , the superheated steam obtained from the receiver (stream 1) is expanded in the turbine. The low temperature, low pressure steam (stream 2) is then condensed to obtain saturated liquid (stream 3) which is then pumped till the turbine inlet pressure is attained (stream 4). Several cycle layouts have been proposed for power plants operating with a KC with input from different types of heat sources [18] . In this study, the layout was kept in a simple form with one separator and two recuperators as it was compared with the most basic Rankine cycle. With reference to Figure 2 , the working solution ammonia-water mixture entering the turbine (stream 1) is expanded. Energy is recovered from stream 2 to preheat the working solution in recuperator-1. In order to have a low condensation pressure in the condenser-1, a separator is used from which a rich ammonia vapour (stream 11) and a lean ammonia liquid (stream 12) are obtained. The lean liquid is mixed with the working solution (in mixer-1) and thus the ammonia mass fraction in condenser-1 is reduced. The mass flow rate in the separator loop is determined by the satisfaction of the pinch point criterion for the recuperator-2. A throttle valve is used to bring the pressure of the lean liquid (stream 12) down to the pressure level of the working fluid (stream 4) before mixing in mixer-1. The rich vapour (stream 11) is mixed with the basic solution (stream 8) to again form the working fluid (stream 14) before going through the condenser-2 and the pump-2 to increase the pressure equal to the turbine inlet pressure. After the pump-2, the working fluid is heated up to the turbine inlet temperature in the receiver.
The analysis presented in this paper consisted of the following parts: a. The KC and the SRC were modelled using Aspen Plus (v7.2) [19] . The thermophysical properties of the working fluids for both the cycles were evaluated using the Peng-Robinson equation of state with Boston-Mathias extension (PR-BM) [20] . All the models were steady-state models. For all the cases, the cycles were optimised to deliver the maximum possible work output with the same turbine inlet temperature (450 °C) and the same amount of energy input. For the SRC, the simulations were performed by varying the turbine inlet pressure until the vapour fraction at the turbine outlet reaches its minimum value (0.85). For the KC, the cycles were optimised by varying the temperature difference between stream 3 and stream 10 (in Figure 2 ), and the temperature at the receiver inlet (stream 17 in Figure 2 ) while making certain that the pinch point temperature difference (PPTD) remains above the minimum values (as mentioned in the assumptions later) in all the heat exchangers. The set of values for various streams for the optimised cycles is termed as the design point of operation.
b. An exergy analysis was then performed to determine the plant exergy efficiency (the ratio of the net work output to the exergy available in the solar radiation incident on the receiver surface), and the components where most exergy was destroyed or lost in the different cycle configurations. c. Finally, the solar receiver was replaced by a two-tank molten-salt storage system as the primary source of heat input ( Figure 3 ) with HITEC molten-salt [21] as the storage medium. The high temperature of the storage was fixed at 430 °C (assumed to be 20 °C below the turbine inlet temperature since the storage was supposed to be charged by the vapour generated in the solar receiver itself). Similarly, it was also assumed that the molten-salt can only heat the working fluid up to 410 °C (again 20 °C below the molten-salt hot temperature), and an additional external heater (e.g. a fossil fuel or biomass fired burner) is employed to heat the working fluid to 450 °C, the turbine inlet temperature, so that the power cycle always operates at the design point. The cold temperature of the storage was then calculated so as to maintain the pinch point condition for the storage heat exchanger. It was assumed that the cold temperature of the molten-salt (HITEC) cannot go below 180 °C to avoid freezing of the salt which occurs at 142 °C [21] . The specific heat capacity of HITEC was assumed to be equal to 0.373 cal/(g °C) [21] or 1567.1 J/(kg K). The moltensalt mass flow rate required by the cycles was then evaluated for different turbine inlet pressures and ammonia mass fractions. Only the discharge cycle for the storage system was considered in the current study. This part of the analysis was modelled using MATLAB (R2013a) as Aspen Plus does not include HITEC in its component database. Also, as MATLAB has a very good interface with REFPROP [22] , the thermophysical properties of the working fluid for this part of the analysis were calculated using REFPROP (v9.0). The following assumptions were made for the analysis: a. Since very few central receiver STPPs with DSG are currently operative [23] , and very little operational data is available in open literature regarding these plants, the solar receiver was assumed to be similar to the one used in the PS10 STPP. Similar to the PS10 plant, the receiver efficiency was assumed to be 90.2 % (an annual average value, including the heat losses to the environment), and the peak design value of solar irradiance on the receiver to be 0.65 MW/m 2 [24] . However, the area of the receiver was assumed as 42.65 m 2 so that the heat input to the working fluid became 25 MW for all the cases. It was also assumed that the irradiance is evenly distributed over the receiver area and that there were no pressure losses. b. Pressure drops and heat losses were neglected in the other components of both the cycles. c. The recuperators in the KC had a PPTD of at least 5 °C. The condensers in both the cycles had a PPTD of at least 4 °C. When using the molten-salt storage system instead of the solar receiver as the primary source of heat input, it was assumed to have a PPTD of at least 20 °C in the storage heat exchanger. Since a temperature difference of 20 °C was assumed between the hot temperature of the molten-salt and the working fluid temperature at the corresponding point in the storage heat exchanger (during both charging and discharging of the storage), a minimum PPTD of the same value was considered for the entire heat exchanger. All the heat exchangers were modelled as counter-flow heat exchangers. d. The turbine inlet temperature was fixed at 450 °C. The turbine had an isentropic efficiency of 80 % and a mechanical efficiency of 98 %. All the pumps had an efficiency of 90 %. The minimum allowed vapour fraction at the turbine outlet was 0.85. The condenser cooling water inlet temperature was 20 °C and the maximum allowed temperature rise for the cooling water was 15 °C. e. The environment for the exergy analysis was considered to be 25 °C (T o ) and 1 bar (p o ).
MOLTEN SALT
The rate of solar exergy incident on the receiver surface was calculated using the following equation [ 
Here, I s,b is the beam or direct solar irradiance on the receiver surface, A rec is the receiver surface area, T o is the environment temperature and T s is the temperature of the solar radiation. As mentioned, both the solar irradiance and the area in Eq. (2.1) are for the receiver surface, and not the collector surface. Therefore the exergy lost in collection between the collector and the receiver was not considered in this analysis. This is a reasonable assumption since the current study dealt with the comparison of power cycles for STPPs. As the solar field was assumed to be the same for both the KC and the SRC, the loss in collection would also be the same.
The rate of exergy destruction in the cycle was calculated for different components in the following ways. The relations below are mentioned for the KC with reference to Figure 2 , but they were used in a similar manner for the SRC. For the condensers, the total rate of exergy destruction was calculated using the difference in the values of physical exergy across the condenser on the working fluid side. The difference in the physical exergies across the condenser on the working fluid side considered both the destroyed exergy and the exergy that was lost from the cycle with the cooling water; in other words, all the exergy that was removed from the working fluid because of destruction or loss to the environment. It is a valid approach since it was assumed that all the exergy taken away by the cooling water was not used for any other purpose, hence lost from the power cycle.
Since the composition of the working fluid remains the same across the condenser, the chemical exergy need not be considered. The rate of exergy destruction across the condenser-1 (including the exergy lost by the power cycle with the cooling water) was calculated using Eq. (2.2). A similar relation was used for other condensers.
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The physical exergy rate at any state point was calculated using the following relation [26] :
Here, ṁ is the mass flow rate of the working fluid, h and s are respectively the specific enthalpy and specific entropy of the working fluid at the state point for which the physical exergy is calculated, and h o and s o are respectively the specific enthalpy and specific entropy of the working fluid at environment conditions.
For the receiver, the rate of exergy destruction was calculated as the difference in the values of physical exergy available in the solar radiation incident on the receiver surface and the exergy absorbed by the working fluid (which is, in turn, the difference in the values of physical exergy of the working fluid across the boiler). This value includes both the exergy that is destroyed during the transfer of heat from solar radiation to the working fluid, and the exergy that is lost to the environment due to the thermal losses in the receiver.
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For the remaining components, the rate of exergy destruction was calculated using the standard Gouy-Stodola relation [26] :
The equations for the rate of exergy destruction for the different cycle components are shown in Table 1 . For the recuperator-2, a relation similar to Eq. (2.7); for the pump-2, a relation similar to Eq. (2.8); and for the mixer-2, a relation similar to Eq. (2.11) were used to calculate the respective rates of exergy destruction.
Results
The radiation emitted by the sun can be approximated as blackbody with a temperature of 5800 K [27] . Thus, using Eq. (2.1) with I s,b = 0.65 MW/m 2 , A rec = 42.65 m 2 , T s = 5800 K and T o = 298.15 K, the exergy available in incident solar radiation on the receiver surface was calculated as 25.80 MW. Both the SRC and the KC were simulated for turbine inlet pressures increasing at an interval of 10 bar between 100 bar and 160 bar. The operation of the SRC was however limited to a maximum turbine inlet pressure of 114 bar because of the turbine outlet vapour quality constraint (≥ 0.85). For the KC, a maximum turbine inlet pressure of 160 bar was achievable without violating the turbine outlet vapour fraction constraint.
The best performing SRC operated with a turbine inlet pressure of 114 bar (with a plant exergy efficiency of 30.29 %) and therefore this case was selected for comparison with the performance of the KC. Figure 4 shows the variation in plant exergy efficiency for the KC at different turbine inlet pressures (between 100 and 160 bar) and turbine inlet ammonia mass fractions (between 0.5 and 0.9). Figure 4 might suggest to the reader that using pure ammonia as the working fluid would result in obtaining the highest plant exergy efficiency. However, as observed by Knudsen [15] and as mentioned by Rodríguez et al. [28] , the efficiency shows a drop in the value when pure ammonia is used until its critical pressure (about 113.5 bar). For the pressure range considered in this study which is mostly supercritical for pure ammonia, it is not recommended to be used in supercritical Rankine cycles [29] , and therefore not evaluated here. Comparing the exergy efficiencies for the KC and the SRC for operation with heat input solely from the solar receiver, it may be observed that the exergy efficiency of the KC with the best performance (29.88 % with an ammonia mass fraction of 0.9 and a pressure of 160 bar at the turbine inlet) is slightly less than that of the SRC operating with a turbine inlet pressure of 114 bar (30.29 %). Thus, from the plant exergy efficiency perspective, the SRC should be the preferred cycle of operation for an STPP with heat input from only solar receiver. However, even in this operation mode (i.e. without storage), there are other benefits of using ammonia-water mixtures as the cycle working fluid. The volume flow rate of the working fluid at the turbine outlet is much lower for the KC than the SRC (at the most 14.29 m 3 /s for the KC with an ammonia mass fraction of 0.5 and a pressure of 100 bar at the turbine inlet as compared with 161.15 m 3 /s for the SRC with a turbine inlet pressure of 114 bar). It means that the KC can operate at much higher turbine inlet pressures with a more compact turbine without violating the minimum vapour fraction condition at the turbine outlet. This implies a reduction in the turbine cost for the KC for a similar work output as the SRC. Figure 5 shows the rate of exergy destruction for different components of the SRC for different pressures at the turbine inlet, while Figure 6 shows the same for the KC for different ammonia mass fractions and pressures at the turbine inlet. Figure 5 , it may be observed that for the SRC, the major portion of the incident solar exergy is destroyed or lost in the receiver. The turbine shows the second highest rate of exergy destruction, followed by the condenser and the pump. The rate of exergy destruction in the pump increases with the increasing value of pressure at the turbine inlet, however, it is still negligible for all the cases. From Figure 6 , it may be observed that similar to the SRC, the major portion of the incident solar exergy for the KC is also destroyed or lost in the receiver.
An important aspect of an STPP is the thermal energy storage system. It is essential for an uninterrupted operation of the plant, and increases the sustainability of solar thermal electricity technology [30] . For the SRC operating with a turbine inlet pressure of 114 bar, Figure 7 shows temperature vs. heat transfer (T -Q ) diagram for the storage heat exchanger. It may be observed that the molten-salt cannot be operated below a cold temperature of 270 °C for the SRC without violating the pinch point criterion. For the SRC, a molten-salt mass flow rate of 93.28 kg/s was required for operation from storage. Similarly for the KC, a molten-salt mass flow rate of 61.03 kg/s and 62.19 kg/s was required at a turbine inlet ammonia mass fraction and pressure of 0.9 and 160 bar, and 0.5 and 100 bar, respectively. The required molten-salt mass flow rates for all the other cases for the KC, i.e., between 0.5/100 bar and 0.9/160 bar, were between these two values. Figure 8 shows the T -Q diagram for the KC operating with a turbine inlet ammonia mass fraction of 0.5 at different turbine inlet pressures. It may be observed that the molten-salt can be used for a much wider range of storage temperature difference with an ammonia-water mixture as the working fluid because of the better match between the hot and the cold temperature curves. Similar observations were made for all the turbine inlet ammonia mass fractions. On comparing Figure 7 and Figure 8 , it may be noticed that there is a slight difference in the value of heat input for the SRC and the KC. This is because two different property calculation methods were used in the two parts of this analysis (i.e. PR-BM for power cycle optimisation and REFPROP for analysis of operation from storage); however, this does not compromise the results of this part of the analysis as the comparison is made with respect to the storage mass flow rate and size, and not for re-optimising the cycle for operation from storage.
Discussion
From Figure 4 , it may be observed that with an increasing ammonia mass fraction at the turbine inlet, the plant exergy efficiency first decreases, reaches a minimum value and then begins to increase again. When comparing this trend with some other studies for medium or high temperature KC (see, e.g., [7, 13] ), it is different in a sense that some of the previous studies showed an optimum value of the turbine inlet ammonia mass fraction for maximum exergy efficiency, for a given turbine inlet pressure. The current trend could be because of the difference in the cycle layout, i.e., the amount of recuperation and the placement of the recuperators. For instance, the recuperator-1 (generally not considered in previous studies) is useful for cycle configurations with high turbine inlet ammonia mass fraction as the temperature at the turbine outlet is quite high in these cases. At the same time, it would be beneficial to have another recuperator transferring the heat from stream 11 to stream 16 (in Figure 2 ) for cycle configurations with lower values of turbine inlet ammonia mass fraction so as to decrease the rate of exergy destruction in the mixer-2 by having a better temperature match between the mixing streams. This behaviour suggests that different cycle layouts could provide different, or no optimum values of turbine inlet ammonia mass fractions from exergy efficiency perspective. For all the components in the KC, the rate of exergy destruction decreases with increasing turbine inlet pressure. However, different components exhibit different behaviour with the changing ammonia mass fraction at the turbine inlet. With increasing value of the turbine inlet ammonia mass fraction, the rate of exergy destruction in the two condensers, the recuperator-1 and the turbine shows a decreasing trend; whereas the rate of exergy destruction in the recuperator-2 first increases and then decreases, depending on the pinch criterion satisfaction and the match between the inlet and the outlet stream temperature profiles. This pattern, combined with the fact that the rate of exergy destruction in the throttle valve and the mixers becomes negligible at higher values of turbine inlet ammonia mass fractions due to a better match in the mixing streams' temperatures, causes the exergy efficiency to increase again after reaching the minimum.
The rate of exergy destruction in the condensers is smaller for the KC than the SRC because the condensation takes place with a temperature glide for the KC. However, this benefit for the KC comes with a drawback of having higher turbine outlet pressures and temperatures for feasible cycle operation. The rate of exergy destruction in the turbine is also smaller for the KC, though only by a small margin. The rate of exergy destruction in the receiver for the KC is higher than that for the SRC for all the combinations of ammonia mass fractions and pressures at the turbine inlet. For the KC, the rate of exergy destruction in the receiver increases with the increase in the turbine inlet ammonia mass fraction, but decreases with the increase in the turbine inlet pressure. It is because the bubble point for the ammonia-water mixture decreases with increasing ammonia mass fraction (when the pressure is kept constant), thereby worsening the match between the temperature of the heat supply and the ammonia-water mixture temperature profile resulting in a higher amount of destroyed exergy. On the other hand, the bubble point of the ammonia-water mixture increases with the increasing value of the turbine inlet pressure (when the ammonia mass fraction at the turbine inlet is kept constant), resulting in a decreasing rate of exergy destruction. In addition, as also highlighted by Kim et al. [31] , the curvature of the temperature profile of the ammonia-water mixture changes its convexity with changing ammonia mass fraction. This behaviour results in an increasing rate of exergy destruction in the receiver as the ammonia mass fraction increases. It then depends on the rest of the power cycle to compensate for the increasing losses in the receiver, to show an overall benefit or loss with changing ammonia mass fraction.
Since it is assumed that there is no heat loss or pressure drop in the separator and the splitter for the KC, the rate of exergy destruction in these components is zero, as they simply divide the incoming mass flow rate and the working fluid composition to different values in the outgoing streams. Therefore, the separator and the splitter used in the KC are not included in Figure 6 .
As the molten-salt mass flow rate for the KC was found to be about 33 % smaller than that for the SRC, a less amount of salt is required by the KC for a day's operation than the SRC. The less molten-salt flow rate results in reduced pumping power and piping requirements, making the KC an economically better alternative than the SRC when operating from storage. It also makes it possible to use a simple sensible heat storage system instead of the one proposed for DSG operation which is both expensive and complex [3] . The operation from storage was analysed once the design point of the power cycle was determined, and then the cycle was assumed to operate always at that design point. However, in practice, there will be instances when the cycle is being operated in off-design conditions resulting in a lower turbine inlet temperature or pressure (if the cycle is operating in sliding pressure mode). Future work will include an off-design analysis to assess the potential benefits of the KC for an STPP with DSG in such conditions. From a cost perspective, Kalina and Tribus [32] reported that most of the vendors did not ask for an increased price for different components because of the presence of ammonia, and it's only the boiler and the turbine where the temperature and the pressure are high enough to take extra precautions in terms of the materials used. This combined with the fact that a relatively smaller turbine is required because of a much smaller volumetric flow rate and the possibility to use a simpler storage system with reduced size for about the same power output makes the KC economically attractive. On the other hand, the cost of additional equipment like recuperators, separator, mixers and splitters should be compensated by the reduction in the cost from the turbine and the storage system. A more detailed cost study of the KC for geothermal power applications can be found in Campos Rodríguez et al. [9] and for waste heat recovery application in Larsen et al. [33] .
Conclusion
The KC was modelled as the power cycle for an STPP operating with DSG. The performance of the cycle was analysed using exergy analysis while keeping the heat input to the cycle as constant, and varying the pressure and the ammonia mass fraction at the turbine inlet. The performances of a KC and an SRC were also compared. When operating with heat input solely from the solar receiver, the SRC shows a slightly better exergy efficiency than the most promising KC configuration. However, considering that the volume flow rate at the turbine outlet is significantly lower for the KC than the SRC and that the vapour fraction at the turbine outlet is not a limiting factor for the KC, it allows the KC to be operated at much higher turbine inlet pressures while using more compact turbines. This difference is economically significant. The exergy analysis of the two cycles provides the rates of exergy destruction in various components of the different cycles. The KC experiences a higher rate of exergy destruction in the receiver when operated with heat input solely from the solar receiver, while the SRC shows a higher rate of exergy destruction in the turbine and the condenser. Other components in the KC exhibit a varying behaviour with respect to the rate of exergy destruction depending on the ammonia mass fraction and pressure at the turbine inlet. The trend of the exergy efficiency with varying turbine inlet ammonia mass fraction depends on the amount of recuperation and the placement of the recuperators.
With a two-tank molten-salt storage system as the primary source of heat input, the KC shows a clear advantage over the SRC by utilising a wider temperature range, thus reducing the storage size by about 33 % for approximately the same power output. Using the KC also makes it possible to employ a simple sensible storage system instead of the complex storage system generally proposed for DSG operation. 
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